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Abstract 
The unbalance response of a hermetic rotary compressor capable of variable speed of rotation is 
investigated numerically and experimentally. The finite element modeling takes into account in particular 
the flexibility of the crankshaft-rotor sub-assembly, the housing as a rigid body on external suspension, 
the speed-varying parameters of the fluid film bearings, the side-pull forces of the electric motor and the 
cylinder-pressure. The first analysis concerns the motion of the crankshaft-rotor sub-assembly within a 
prototype rigid housing having no motion while the second concerns the motion of the entire compressor. 
The associated experimental investigations validate the models quite efficiently. This paper shows that the 
current balancing causes over-pronounced vibration levels in the crankshaft-rotor sub-assembly and the 
housing at the highest speeds of rotation. 
INTRODUCTION 
At present, the design of refrigerant rotary compressors focuses on machines that run continuously 
and are capable of variable speeds of rotation, in order to provide variable BTU production and to avoid 
undesirable start-stop cycles, which are sources of mechanical damage. However, this means that the 
dynamic behavior of the compressor must be satisfactory within a wide speed range. 
Schematically, the type of rotary refrigerant compressor studied is composed of the compressor unit 
fixed by weld spots inside a hermetic housing mounted on grommets (see Figure 1). The crankshaft, fitted 
in an electric rotor, is mounted in a two-fluid-film-bearing crankcase containing the pump. The 
counterweight masses located at the top and the bottom of the rotor are designed to balance the eccentric 
masses of the pump: the rolling piston, the spring-vane system, the crank-pin and shoulders of the 
crankshaft. The electric stator is press-fitted into the housing. Due to the overhung rotor and the mass 
unbalance combination, mechanical problems occur at the highest speeds of rotation: rotor-stator or 





Figure 1: Rotary compressor on grommets 
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The main objective of the current study is to formulate the most reliable finite element model possible 
to predict the dynamic behavior of the entire compressor in order, afterwards, to implement balancing that 
is efficient within the whole speed range. Previous studies [1, 2] have dealt only with the rotor dynamics 
of the crankshaft-rotor sub-assembly mounted on fluid-film bearings, the experimental validation being 
presented in [3]. The first part of the present paper is devoted to a brief presentation of the dynamic 
behavior of the crankshaft-rotor sub-assembly while the second, more detailed part, focuses on the entire 
compressor containing both the rotor-crankshaft sub-assembly and the housing. The analyses deal with 
the unbalance responses that have a predominant role on the dynamic behavior in comparison with the 
harmonic response due to the cylinder pressure. The finite element models proposed use the rotor-
dynamics theory presented in [4]. The steady state predicted and measured unbalance responses are 
performed within the 1,200-7,200 rpm speed range. 
1- UNBALANCE RESPONSE OF THE ROTOR-CRANKSHAFT SUB-ASSEMBLY: STEP 1 
This first step is devoted to the analysis of the rotor-crankshaft sub-assembly. The hermetic housing 
rigidly fixed on a frame is assumed to have no motion. The effect of cylinder pressure is not considered in 
this step. 
Finite Element Model 
The FE model, presented in Figure 2, uses two node beam elements for the electric rotor and the 
crankshaft, one node bearing element for fluid film bearings, one node stiffness element for the side-pull 
effect and one node mass elements for eccentric and counterweight masses. Each node includes the 
classical flexural degrees of freedom (DOF): two lateral displacements and associated slopes. The main 
bearing is split into bearing# 1 (node 5) and# 2 (node 26) while the outboard bearing is located at node 
27. The side-pull forces, created by the magnetic field acting on the electric rotor, are modeled with a 
negative stiffness added at node 2 [5]. Additional masses located at nodes 16 and 21 stand for 
counterweight masses (m1 and m2) while those at nodes 22, 11 and 13 are devoted to the eccentric mass of 
the pump (m3), r~, r2 and r3 being the gyration radii respectively. The stiffness and damping parameters of 
each bearing are speed of rotation dependant [2]. 
~II II~ 
Figure 2: Finite Element model of the rotor-crankshaft sub-assembly 
The unbalance response of the rotor-crankshaft sub-assembly is governed by the following set of 
equations: 
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with X, X, X, being the nodal displacement, velocity and acceleration vectors, M, K, the classical 
mass and stiffness matrices, C(Q), the non-symmetric gyroscopic matrix, C1 (Q), K 1 (Q), damping and 
stiffness matrices ofthe bearings, K2 , the anti-stiffness matrix due to the side-pull forces and F(Q), the 
harmonic forces vector including the forces due to the unbalance masses m1rJ. m2r2 and m3r3• 
The deflection of the crankshaft creates dynamic loads at each bearing [4] that permits calculating the 
vertical loads at the brackets (see [3]). 
Experimental validation 
The experimental set-up consists of a compressor unit mounted on a special tailor-made rigid housing 
built on a frame. The required concentric air gap is obtained by three adjuster screws located at the end of 
the three brackets, Figure 3b. 









Figure 3: Experimental set-up no.l 
Force sensors 
3 X 120• 
Three uniaxial piezo-electric force sensors placed between the end of each bracket and the housing 
permit measuring the transmitted force. As the valve and the vane are removed, there is no harmonic force 
due to the cylinder pressure. The extension shaft clamped at the top of the rotor permits measuring the 
orbit of the rotor with two perpendicular proximity probes. The measured orbits are filtered. The 
characteristics of the extension shaft arc added to the model and a node is added at the location of the 
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Figure 4: Deflection (a) and bracket load (b) versus speed of rotation with the shaft extension 
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Figure 4 compares the predicted and measured results, given in a dimensionless form, and taking the 
shaft extension into account. The orbit maximum versus speed of rotation is plotted in Figure 4a. Rotor-
to-stator rub occurs at 4,800 rpm because the extension shaft increases the deflection. The average 
maximum bracket loads are plotted in Figure 4b. The results are satisfactory and validate the FE model. 
In fact, with no shaft extension, the predicted deflection is higher than the air gap from 6,000 rpm at 
the top of the rotor (node 18), and is higher than the nominal clearance from 5,000 rpm at the main 
bearing (node 5 and 26). 
2- UNBALANCE RESPONSE OF THE COMPRESSOR: STEP 2 
In this second step, the non-rotating mechanical parts (hermetic housing on its grommets, stator, 
cylinder block, etc.) are included in the FE model. The compressor is assumed to run under normal 
operating conditions. 
Finite Element Model 
Figure 5 presents the FE model of the entire compressor. 
3 . ' ' . 
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Figure 5: Finite element model of the entire compressor 
The non-rotating parts (in gray) are modeled as a rigid body having the following mass matrix M G(44) 
located at node 44, the center of inertia: 
m 0 0 0 





with m, Iij, the mass properties of the compressor without rotor-crankshaft. These characteristics and the 
center of inertia coordinates have been measured with the original oscillatory device described in [6]. 
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The three bearings, modeled in step 1 by one node bearing elements (nodes 5, 26 and 27) are now 
replaced by two-node bearing elements. The first nodes remain on the crankshaft (nodes 5, 26 and 27) 
and the second nodes, respectively nodes 37, 36 and 31 are connected to the non-rotating crankcase. 
In the same way, the anti-stiffness one node element modeling the side-pull effect is replaced by an 
anti-stiffuess element having two nodes: node 2 and node 40. 
The grommets are modeled with an additional element assigned to node 28. Their contribution in the 
model is based on the following stiffuess and damping matrices: 
3Kr 0 0 0 3Cr 0 0 0 
3Kr 0 0 3Cr 0 0 






with K r , C r , K 1 , C1 , the radial and axial stiffuess and damping parameters of one grommet, d, the 
distance between the axis of the grommet and that of the compressor axis. The K,, C,, K 1 , C1 parameters 
were measured by the transfer function using a shaker and sensors. 
Finally, including relations (2) and (3) in Equations (1) permits establishing the following equations 
governing the unbalance response of the entire compressor: 
Experimental validation 
The rotary compressor tested, Figure 6a, is fixed by grommets onto a rigid frame and connected to an 
air-conditioning unit by pipes whose length was extended to minimize the effect of these additional 
stiffnesses. The operating conditions have different cylinder pressure cases (minimum, mean and 
maximum). The compressor is equipped with different types of transducers (see Figure 6b): a copper 
constant thermocouple immersed in the oil bath is used to obtain the same temperature conditions; a 
pressure transducer is connected to the cylinder by a short capillary hole; three piezoelectric force sensors 
(one triaxial, two uniaxial) are screwed between the frame and the grommets; the housing orbits are 
measured by two proximity probes fixed perpendicularly on a frame whose design enables four successive 
vertical positions of the measurement plane. 
Proximity 
probe (Dz) 
Figure 6: Experimental set-up no. 2 
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The numerical and experimental investigations show that a variation of pressure load has no 
significant influence on the responses. This confirms that the harmonic response due to cylinder pressure 
can be neglected in relation to the mass unbalance response. In what follows, only the results concerning 
the unbalance response are presented. 
Figure 7 highlights the out-of-phase predicted deflections of the rotor and of the housing at 4,800 rpm. 
The strain energy lies mainly in the crankshaft, the bearings and the grommets. 
~ 


















Figure 7: Predicted deflections of the rotor-crankshaft-housing assembly at 4,800 rpm 
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Figure 9: Forces measured by force sensors #1, #2 and #3 transmitted by grommets at 4,800 rpm, 
(a) vertical, (b) radial, (c) tangential forces 
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Figure 8a shows the predicted and measured dimensionless maximum lateral deflections along the 
vertical axis of the housing at 4,800 rpm. The corresponding orbits at the top and bottom of the housing 
are reported in Figure 8b. The results compare well within the investigated speed range. It can be seen that 
the housing deflection shape is conical with a vibration node situated close to the center of inertia. Orbits 
are non-circular because of the non symmetrical characteristics of the bearing and of the non-rotating 
parts. The conical motion of the housing is also detected by the force sensors located under the grommets. 
Figure 9a presents the measured vertical forces transmitted by each grommet. There is an angular phase 
between the three signals; as the orbits are non circular, the three force amplitudes are different. Figure 9b 
and 9c are devoted respectively to the radial and tangential components of the triaxial force sensor. The 
steady state behavior induces low transmitted forces. 
Figure 10 presents, in dimensionless form, the predicted maximum lateral deflections at the bottom 
and at the top of the housing versus the speed of rotation. The resonance phenomenon which occurs at low 
speed corresponds to one of the rigid body modes of the compressor on its grommets. The displacements 
at the top of the housing increase with the speed of rotation (see Figure 8 for the experimental validation 
at 4,800 rpm). This is due to the flexibility of the rotor-crankshaft sub-assembly, because, in the case of a 
rigid rotor-crankshaft sub-assembly, the lateral displacements have a constant trend above the resonance 
phenomenon. 
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Figure 10: Predicted dimensionless maximum lateral deflection of the housing 
CONCLUSION 
The unbalance response of a rotary compressor capable of variable speed of rotation was investigated 
numerically and experimentally. The prediction used a finite element model based on the rotor dynamics 
theory. 
Initially, the investigation concerned only the dynamic behavior of the rotor-crankshaft sub-assembly. 
The associated experimental set-up equipped with a rigid and fixed housing permitted measuring in 
particular the lateral deflection of the rotor-crankshaft sub-assembly and the vertical force transmitted by 
the ends of the brackets to the housing. Comparison between numerical and measured results validates the 
FE model. It was shown that the deflection is over-pronounced from 5,000 rpm upwards. 
In a second step, the investigation has concerned the entire compressor. In the associated experimental 
set-up the compressor was tested under normal operating conditions. When compared to the unbalance 
masses, pressure load cases were seen to have no significant effect on compressor response. Analysis of 
the unbalance response shows that the deflections of the rotor and the housing are out of phase. Identical 
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conclusions can also be drawn: the deflections of the rotor-crankshaft sub-assembly and of the housing are 
over-pronounced from 5,000 rpm upwards. 
The numerical and experimental investigations permitted formulating a reliable FE model of rotary 
compressors which can be now used for implementing a new balancing, thereby reducing vibration levels 
of the rotor-crankshaft sub-assembly and of the housing within the target operating speed range. 
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